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Abstract-Heat transfer and pressure drop of the cross-flow on the shell-side of staggered tube-banks, 
having different transversal and longitudinal pitches in the range of 1.97 Q t, < 3.16 and 0.67 Q t, < 1 .O, 
respectively, have been studied experimentally. The heat transfer was determined with the aid of the analogy 
between heat and mass transfer from measurements of the mass diffusion of naphthalene. The results show 
that exchangers with oval-shaped tubes have considerably smaller front areas on the shell-side compared 

to those with circular tubes. 

1. INTRODUCTION 

IN RECENT years, the question of recovering heat from 
waste gas has been considered by using cross-flow, 
oval-shaped exchangers rather than conventional 
ones with circular tubes. Tube-banks with oval- 
shaped tubes require considerably less pumping 
power on the shell-side than those with circular tubes. 
In other words, the resulting frontal area on the shell- 
side is much lower and the overall design more com- 
pact assuming that the pumping power is kept 
constant. Therefore, oval-shaped tube-banks are 
advantageous when a very compact design with a very 
low pressure drop on the shell-side is required. Up to 
now, only a relatively small amount of experimental 
results on cross-flow heat exchangers with staggered 

oval-shaped tubes have been published. Winding and 
Cheney [I] have studied the mass transfer of test-tubes 
made of naphthalene and having circular and drop- 
shaped tubes. Brauer [2] measured the heat transfer 
rate in cross-flow tube-banks with circular, oval and 
more complicated shaped tubes. Very recently, Ruth 
[3] has reported on measurements of the heat transfer 
rate and the pressure drop in cross-flow tube-banks 
having lenticular tubes in a staggered arrangement. 

2. EXPERIMENTAL SET-UP 

The study has been carried out with the aid of an 
open wind-tunnel. Figure 1 shows a schematic sketch 
of the experimental set-up. Air is sucked in by a fan 
and pumped through the heating section where the 
temperature of the air stream is controlled. The adjust- 
able heating elements allow a temperature constancy 
of f 0.1 K. Inside the adjacent stabilization chamber 
five wire grids are mounted to control the turbulence 
level of the air flow and to produce a uniform velocity 
profile in the entrance cross-section of the test section. 
Having passed the test section, the air stream leaves 
the wind-tunnel via the exhaust pipe. 

The test section has a free flow area of 120 x 160.4 
mm* and a length of 720 mm. The tube-banks inserted 
into the test section may not be longer than 300 mm. 
Eight static pressure taps equally distributed over the 
circumference in the entrance and exit cross-section 
of the test section allow the evaluation of the static 
pressure in each of these cross-sections and, hence, 
the pressure drop over the test section may be deter- 
mined. In addition, two total head tubes adjustable 
over each of the cross-sections allow the dynamic 
pressure and, hence, the resulting velocity profiles in 
front and behind the tube-bank to be measured. 
Quick-acting clamps on the top and bottom wall of 
the test section allow for a fast assembly and dis- 
assembly of a single naphthalene test tube as well as 
of the complete tube-bank. 

The fan is adjusted with the aid of the bypass valve 
Bp 1 and via variable transformers. The air-velocity 

in the free flow area of the test section can be varied 
between 0.3 and 30 m s-‘. The turbulence intensity 

of the entering air flow in front of the test section was 
as low as 0.05% regardless of the air velocity. About 
2 cm behind the last row of the tube-bank the turbulence 
intensity had a value of 1% when measured in the 
wake region between two tubes and of 2.5% just 
behind one tube. Figure 2 shows the outlay and the 
characteristic dimensions of a tested tube-bank. The 
relative longitudinal pitches were 1 .OO, 0.83 and 0.67, 
and the relative transversal pitches 1.97, 2.26, 2.63 
and 3.16. To avoid a bypass stream between the tube- 
bank and the side wall of the test section, half the 
oval-shaped tubes were fixed on the side wall at each 
second row. The oval-shaped tubes had a long chord 
of 30.2 mm and a short one of 7.6 mm. The cir- 
cumference of the oval-shaped tubes was composed 
of two arcs of a circle having different radii. 
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NOMENCLATURE 

A wetted surface area of one tube [m’] WC characteristic stream velocity [m s-‘1 

A, wetted surface area of the tube-bank [m’] w, nominal maximum velocity calculated 

A, minimum free flow area [m’] from minimum area [m s-l]. 

AF frontal area [m’] 

LC characteristic length [m] Greek symbols 

Ym 
mass [kg] 5 drag coefficient 
mass loss [kg] Pw density of naphthalene vapor at tube 

N, number of tube-rows arranged in surface [kg m-“1 
streamline Pm density of naphthalene vapor in free 

PM static pressure [N mm21 stream [kg m-‘1 

A~P,tat pressure drop [N mm21 * void fraction. 

e thermal power (duty) [kJ s-l] 

SI distance from side of oval-shaped tube to Transport coefficients 
center line of adjacent tube in next row D naphthalene air diffusion coefficient 

[ml [m’s_‘] 

32 minimum distance between oval-shaped heat transfer coefficient [W mm2 K-l] 
tube and adjacent tube in next row [ml ; mass transfer coefficient [m s-l] 

s, effective minimum distance between two 1 thermal conductivity [W mm ’ K- ‘1 
rows [m] Ic thermal diffusivity [m’s_‘] 

SI longitudinal tube spacing [m] V kinematic viscosity [m’ SC’]. 

% transversal tube spacing [m] 
t time [s] Dimensionless numbers 

tl relative longitudinal pitch [ml Le Lewis number, Sc/Pr = K/D 

t, relative transversal pitch [m] NU Nusselt number, aL,/l 

TU turbulence intensity Pr Prandtl number, v/x 
u circumference of oval-shaped tube [m] Re Reynolds number, w,L,/v 

Is average stream velocity [m s - ‘1 SC Schmidt number, v/D 

U’ fluctuation of stream velocity [m SC’] Sh Sherwood number, BLJD. 

3. EXPERIMENTAL TECHNIQUE air using test-tubes made of naphthalene. In all test 
runs only one tube of the bank was replaced by a 

Direct measurements of the heat transfer rate in naphthalene tube. This test-tube was always posi- 
tube-banks require considerable experimental effort. tioned in the middle of a tube row. The test-tubes 
Furthermore, the tube-banks have to be leakproof for were produced through pressing naphthalene powder 
direct measurements, since the working fluid flows on in dividable press moulds. The density of the pressed 
the tube-side as well as on the shell-side. For this naphthalene was equal to that of crystalline ; see 
reason, the heat transfer was determined with the aid Presser [4]. 
of the analogy between heat and mass transfer from With the mass loss Am of the test-tube during the 
measurements of the mass diffusion of naphthalene in test time At one obtains for the mass transfer 

600 x 600 
170x170 120x160 

- 
- 
- 
- 

FIG. 1. Schematic sketch of the experimental set-up : 1, fan ; 2, heating section ; 3, stabilization chamber; 
4, test section. 
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FIG. 2. Typical arrangement of a tube-bank. 

coefficient 

/j= Am 
AtA(p,-p,) 

where A is the effective surface area for the mass 
transfer process. The density of the naphthalene vap- 
our at the wall, pw, is obtained from the ideal gas law, 
namely, determining the partial pressure of naph- 
thalene on the surface at surface temperature. Since 
the sublimation process of naphthalene into air pro- 
gresses approximately isothermally, due to the very 
low sublimation heat of naphthalene (see Presser [4] 
and Cur and Sparrow [5]), the surface temperature of 
the naphthalene tube can be set equal to the tem- 
perature of the air flow and, hence, the partial pressure 
of the naphthalene equal to the vapour pressure at the 
surface temperature. The effect of the humidity on 
the mass transfer can be neglected; see Sparrow and 
Niethammer [6]. 

The average mass loss during a test run was about 
100 mg at a total weight of the naphthalene test-tube 
of about 38 g. The test time varied between 15 and 
60 min depending on the air flow rate, p. 

With a characteristic length L, and the diffusion 
coefficient D of naphthalene one obtains for the Sher- 
wood number 

Sh=PL,. 
D (3) 

Using the analogy between heat and mass transfer, the 
Sherwood number can be transferred into a Nusselt 

number. This yields 

Nu = She Le-” 

where the Nusselt and Lewis numbers 
as 

Le = g = %, 
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(4) 

are defined 

(5) 

(6) 

By comparing forced convection heat transfer 
experiments for fluids with different Prandtl numbers 
obtained on single tubes with elliptical cross-sections 
and a chord radio of 4 : 1, Zukauskas and Ziugszda 
[7] found the exponent n in equation (4) to have a 
value of 0.37. The Sherwood and Nusselt numbers 
are usually shown as a function of the Reynolds 
number 

(7) 

where L, is again the characteristic length and w, 
the characteristic velocity of the tube-bank. It can be 
shown that a reasonable measure of the characteristic 
velocity is the velocity in the minimum free-flow area 
which is either between two tubes in the same row or 
between two tubes in adjacent rows depending on the 
relative longitudinal pitch. Following Gnielinski [8] 
and Kast et al. [9], the streamed length has been 
chosen as the characteristic length in equations (3) 
(5) and (7). For the oval-shaped tubes used in these 
experiments the streamed length was determined to 
be 31.6 mm. 

4. EXPERIMENTAL RESULTS 

4.1. Mass transfer 
The tube-banks used in the mass transfer experi- 

ments were composed of eight tube rows in the main 
flow direction. For each test run only one tube of the 
bank was replaced by a naphthalene test-tube, this 
tube was arranged in the middle of a tube row. For 
the design with t, = 1.0 and t, = 1.97, Fig. 3 shows 
the resulting Sherwood number for each row of the 
bank. In this figure the data are connected by straight 
lines which do not have any physical meaning. For 
low Reynolds numbers, below 3000, the Sherwood 
number has approximately the same value in each 
row. By increasing the Reynolds number up to values 
of about 20 000 the velocity field inside the tube-bank 
obviously experiences some changes. Therefore, the 
Sherwood number increases from the first to the third 
row, decreases then down to the fifth or the sixth row, 
and increases again up to the last row. Taking the 
scattering of the experimental data into account, the 
Sherwood number may be taken as fairly constant 
from the fourth or fifth row until the last one, i.e. the 
entrance region is restricted to the first three or four 
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500 I I I I I / 1 beyond a certain value. Figure 4 shows the Sherwood 
number vs Reynolds number for eight banks having 
different longitudinal and transversal pitches. The 
Sherwood number shown is the arithmetic mean value 
between the fourth and the seventh row. It is inter- 
esting to note that the data of the Sherwood numbers 
for banks having the same longitudinal pitch are very 
close together and may be represented by just one 
empirical correlation, i.e. the relative transversal pitch 
has a very weak influence. Considering banks with 
longitudinal pitches of 1 .O, one sees that the flow-field 
and, hence, the Sherwood/Reynolds number depen- 
dence, changes when the Reynolds number surpasses 
a value of about 6400. 

300 

Sh 

I 

0 0 w 
I 1 1 I 1 I 

1 23L5670 

NR 

i 

FIG. 3. Sherwood number vs row number for the tube-bank 
with t, = 1.97 and t, = 1.0. 

rows of the bank. For the largest Reynolds number 
of about 43 000, noise production was recorded. The 
completely different data curve in this case makes it 
clear that the velocity field in the bank undergoes 
drastic changes as soon as noise production occurs, 
see also Section 4.2. The onset of noise was recorded 
in each bank as soon as the Reynolds number went 

500 
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- 

For banks with t, = 1 .O the data can be represented 
by a simple empirical correlation of the form 

Sh = 1.181*Reo480, Re < 6400 (8) 

Sh = 0.212 - Re” 676, Re > 6400. (9) 

The Reynolds number, where the two regions inter- 
sect, is shifted down to lower values if the relative 
longitudinal pitch is reduced. However, for banks with 
a longitudinal pitch of t, = 0.67 no such intersection 
point could be determined inside the Reynolds num- 
ber region considered in the present study. For these 
banks the data can be correlated by 

Sh = 0.442. Re” 622. (10) 

Furthermore, Fig. 4 shows the correlation for a single 
oval-shaped tube. Comparing the correlations for this 
tube with those for the tube-banks, it is obvious that 
the mass transfer coefficient for the tube-banks is 
clearly better if the longitudinal pitch is smaller than 

, I I 

’ single tube 

Sh.0.787.Re0.525 

I 

Re = we.Lc 
v 

FIG. 4. Sherwood number vs Reynolds number for a single tube as well as for six different tube-banks. 
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t, = 1.0. For t, = 1.0 the Sherwood number is only 
distinctly better if the Reynolds number is sufficiently 

high. 

4.2. Pressure drop 
Figure 5 presents the results of the pressure loss 

measurements for banks with eight rows and a longi- 
tudinal pitch of 1.0. The diagram shows the ratio of 

pressure loss, APT,,,, to the dynamical pressure of the 
free stream vs Reynolds number. It can be seen that 
the pressure drop increases with decreasing relative 
transversal pitch, and it decreases with increasing 
Reynolds number. At a certain Reynolds number a 
weak noise production is recorded which disappears 
completely as soon as the Reynolds number slightly 
increases. As already mentioned, however, further 
increasing of the Reynolds number results in a serious 
noise production which is coupled with a drastic rise 

in pressure drop. A characteristic feature of this noise 
production is that the frequency of the noise is inde- 
pendent of the Reynolds number and also of the trans- 
versal pitch, the value measured is about 1000 Hz. 
The same holds also for banks with longitudinal 
pitches lower than 1.0. This behaviour can be fairly 
well described by assuming a standing wave perpen- 
dicular to the main flow direction. 

The influence of the numbers of rows on the pres- 
sure drop was carried out by successive reduction of 
the number of rows from eight to at least one. Figure 
6 shows the pressure drop App,,,, divided by the number 
of rows N, and by the dynamic pressure of the free 
stream vs the row number for a Reynolds number of 
15 000. We would like to make it clear that this graph 

does not show the specific pressure drop of a certain 
row but rather the average pressure drop per row for 
a bank having NR rows. For the bank with t, = 1.0 
the relative average pressure drop per row decreases 
with increasing row numbers. Besides the weak 
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FIG. 6. Modified pressure drop vs row number for tube- 
banks with t, = 2.63 for a Reynolds number of 15 000. 

increase in pressure drop for a bank with two rows, 
the same holds for the longitudinal pitch t, = 0.83. 
For these two pitches the cross-flow in the bank may 
be considered as fully developed behind the fifth row. 
In comparison, the graph for the bank with t, = 0.67 
is quite different. The average pressure drop has a 
maximum for a bank with two rows and a minimum 
for one with three rows. The reason for this may be 
that the separation point of the boundary layer on the 
oval-shaped tubes of the first row is pushed further 
downstream if a second row is added. Due to this 
the minimum free-flow area between the first and the 
second row is further reduced by the relative thickness 
of the boundary layer on the tubes of the first row. 
Hence, the effective flow velocity is increased and the 

pressure drop rises. Adding a third row leads to early 

1 I I I 

t, =l.O ; NR=6 
tq 

A 1.97 
o 2.26 
q 2.63 
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FIG. 5. Pressure drop vs Reynolds number for tube-banks with t, = 1 .O. 
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separation of the boundary layer on the tubes in 
the second row. Although the boundary layer is re- 
attached further downstream the whole flow field is 
different. However, the average pressure drop is 
increased if additional tube rows are added to the 
bank and the flow may be considered as fully 
developed behind the sixth or seventh row. 

coefficient is nearly independent of the relative trans- 
versal pitches of the tube-banks. Hence, drag coeffi- 
cients for tube-banks having identical longitudinal 
pitches but different transversal pitches can be repre- 
sented by one correlation. One obtains 

<= K-Rem (14) 

To define a pressure loss coefficient, we consider a 
mechanical energy balance for the whole tube-bank 6 K m 

p* AP,,,, = Aa$CW,. (11) 

The LHS of equation (11) represents the pumping 
power necessary to get the air through the tube-bank. 
The RHS states that this pumping power is pro- 
portional to the dynamic pressure pw,‘/2, the wetted 
surface of the bank and the characteristic velocity w,. 
If one chooses as characteristic velocity the nominal 

maximum velocity calculated from the minimum 
flow area between the tubes one obtains from equation 
(11) for the pressure drop coefficient 

1.0 1.668 -0.479 Re < 7500 
1.0 0.216 -0.250 Re > 7500 
0.67 0.691 -0.359 Re < 10000 
0.67 0.251 -0.250 Re > 10000 

The mean deviation of the data from the correlation 

equation is about + 6%. 

5. COMPARISON OF DIFFERENT HEAT 

EXCHANGER CONFIGURATIONS 

(12) 

Instead of the flow areas A, and Af we can use the 
pitch sq and the minimum distance s, between two 
tubes and obtain 

(13) 

with 

2x1 fort, = 1.0 

se = 2s, for t, < 0.83. 

The length U is the circumference of a single tube. 

Figure 7 presents the drag coefficient (5) vs 
Reynolds number (Re) for tube-banks with eight 
rows having different longitudinal and transversal 
pitches, t, and t,. The figure shows that the drag 

The main difference between tubular cross-flow 
heat exchangers having circular or oval-shaped tubes 
becomes clear from Fig. 8. This diagram shows the 
ratio of the thermal power per unit temperature to the 
pumping power vs the mass flow rate. Only the flow 
on the shell-side is taken into account. For this com- 
parison, the wall temperature, the overall size of the 
exchanger, the total heat transfer surface, and the void 
fraction are held constant. The lines of Fig. 8 relate to 

three circular tube-banks and one oval-shaped tube- 
bank. Each of the three circular tube-banks consists 
of 168 tubes, but the overall design is different, i.e. the 
bundles have 24, 14 and 7 rows in the main stream 
direction, respectively. The graphs show that the ratio 
E is greater the larger the frontal area of the shell-side 
is. This feature of circular tube-arrangements is well 
known and leads to the so-called ‘towel-like’ design 
of this type of exchanger. Considering the curve valid 
for the oval-shaped tube-bank, it can be seen that its 

f =0.691xRe-035g 
/ 

0.02 c 

FIG. 7. Drag coefficient vs Reynolds number for six different tube-banks. 
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FIG. 8. Ratio of thermal power per unit temperature to the 
pumping power vs mass flow rate for tube-banks with 

circular and oval-shaped tubes. 7. 

frontal area is much smaller than that of the circular 
tube-bank in question. From this feature we conclude 

8 

that, in general, oval-shaped tube-banks have small 
frontal areas on the shell-side compared to those with 
circular tubes. This is advantageous when the avail- 9 
able pumping power on the shell-side is restricted as 
is usually the case in waste heat recovery from the 10 
exhaust of gas turbines. 
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TRANSFERT THERMIQUE ET PERTE DE CHARGE, COTE CALANDRE, 
DE TUBES AYANT UNE FORME OVALE 

R&sum&-On etudie experimentalement le transfert thermique et la perte de charge dun ecoulement croisb 
autour d’un arrangement de tubes ayant differents pass transversaux et longitudinaux respectivement dans 
le domaine I,97 5 t, 5 3,16 et 0,67 5 t, 5 1,O. Le transfert thermique est determine a l’aide de l’analogie 
entre transferts de masse et de chaleur, a partir de mesures sur la diffusion du naphtalene. Les rtsultats 
montrent que les echangeurs avec une section ovale ont des sections frontales considerablement plus petites, 

coti calandre, que ceux avec des tubes circulaires. 

WARMEUBERGANG UND DRUCKVERLUST AUF DER AUDENSEITE QUER 
AUGESTROMTER ROHRBtiNDEL MIT OVALEN ROHREN 

Zusammenfassung-Wlrmeiibergang und Druckverlust der Striimung auf der AuBenseite in versetzt 
angeordneten Rohrblndeln mit unterschiedlichen Quer- und Lingsteilungen im Bereich 1,97 < t, < 3,16 
und 0,67 < t, < 1,0 wurden experimentell bestimmt. Der Warmeiibergang wurde dabei mit Hilfe der 
Analogie zwischen Wlrme- und Stofftibergang aus dem Stoffiibergang von Naphthalin in Luft an 
Testrohren aus Naphthalin bestimmt. Die Ergebnisse zeigen, da13 Warmetibertrager mit Ovalrohren 

wesentlich kleinere Frontflachen auf der Seite der AuBenstriimung haben als solche mit Kreisrohren. 

TEILJIOIIEPEHOC M I-IAAEHME &4BJIEHMR B TEI-IJIOOEMEHHWKE M3 JIYYKOB TPYE, 
kiMEIOLUWX OBAJIbHYIO mOPMY 

AmsoTaHss*3KcnepHMeHTanbHo H3yHaeTcn TennonepeHoc H naneHHe naBneHHK npH nonepeHHoM o6Te- 
KaHHH FlyYKa Tp5’6 B KO*yXe TetIJIOO6MeIiHHKa, paCllOJIOrteHHblX B UlaXMaTHOM IIOpilnKe, HMClOu&HX 

pa3nHBHbre nonepeHHbre A npononbHbre marH B nHana3oHax 197 < t, Q 3,16 a 467 < t, < O,l, COOT- 
BeTcTBeHHo. Tennoo6MeH onpenennncn c Hcnonb3oBaHHeM aHa.norHH Memny Tenno-H MacconepeHocoM 
IlyTeM A3MepeHHK MaCCOBOfi AS@&SUU H%$Ta,lBHa. k3yJIbTaTbI ,-IOKa3bIBa,OT, ST0 TUUIOO6MeHHHKH C 

OBaJIbHbIMH Tpy6aMH HMemT 3HaHHTenbHO MeHbmHe +pOHTaJtbHbIe nOBepXHOCTH n0 CpaBHeHHm C 
Tenn006MeHHHKaMH H3 K,,,TJlblX Tpy6. 


